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 This thesis work describes a numerical study on the effect of evaporative cooling 
on the augmentation of forced convective cooling. In recent years, on-demand phase 
change boosted cooling has drawn major interest where convective heat transfer is 
augmented/aided by evaporative heat and mass transport processes. This dual mode 
(convection and evaporation) cooling method is envisioned to drastically enhance the 
heat transfer coefficient where conventional convective cooling has already reached its 
maximum value and furthermore dry cooling is still a desired objective. A multi-
dimensional mathematical model has been developed to conduct simulations over a range 
of operating parameters to obtain insight into the ‘hybrid’ system where phase change 
process and convection both contribute to the heat transfer process. The system being 
modeled consists of a thin liquid water film that undergoes evaporation as a result of 
being exposed to a prescribed heat flux and laminar convective flow condition. The 
mathematical model utilized comprises of coupled conservation equations of mass, 
species, momentum and energy for the convection-evaporation domain (gaseous), and 
only mass and energy conservation being resolved in the liquid film domain, together 
with a moving mesh to resolve the receding liquid film. Predictions from the simulations 
indicate that in comparison to pure forced convection cooling, under convective-
evaporative conditions the overall heat transfer coefficient is increased by a factor of ~ 5, 
where evaporation alone contributes to 80% - 90% of the overall performance. For a 
fixed heat flux, an increase in Reynolds number was found to increase the heat transfer 
vi 
coefficient and vice versa for film thickness. It has been found that overall heat transfer 
coefficient can be enhanced by making the film thinner, since the conducting resistance 
across the liquid film diminishes as the film thickness is reduced. A critical film thickness 
has been identified beyond which the conductive resistance becomes dominant and starts 
to attenuate the thermal performance. Spatiotemporally averaged interface temperature 
has been found to be increasing with the increase of film thickness, as an evidence of 
suppressed cooling.  A critical Reynolds number is identified beyond which no 
significant increase in overall heat transfer coefficient is observed. Furthermore, surface 
enhancement studies have been conducted with view to assessing its effect on overall 
thermal performance of convective-evaporative dual mode heat transfer system. To 
accomplish that, bottom surface of the evaporating liquid has been modified by 
introducing circular grooves to promote mixing. A set of parametric study based on 
enhanced surface structures predicts that surface modification results in a significant 
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CHAPTER 1  
INTRODUCTION
 1.1. PROBLEM STATEMENT 
Phase change heat transfer has been a major topic of research due to its robustness 
over sensible heat transfer in practical application. The cooling process determines the 
efficiency in many applications such as thermal powerplants. An effective heat transfer 
module aided by phase change heat transfer can significantly improve the overall 
performance of a thermal powerplant. Water cooled condensers (WCC) are widely used 
for cooling purpose in thermal power plants as well as in other industrial applications. It 
 
Figure 1.1: Share of fresh water withdrawals from major applications in U.S. in 2005 [1] 
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has been reported that approximately 100,000 millions of gallons of water was used per 
day for such cooling processes in 2015 in USA [2]. Thermal powerplants account for 
41% of the total freshwater used in the United States [1, 3]. The fresh water withdrawal 
in different processes in the United States has been illustrated in Figure 1.1 and 1.2. The 
US federal government currently aims for a reduction of annual water usage by ~2% [4] 
to move forward towards a greener economy. This drives the need to find an effective dry 
cooling strategy as an alternative to WCC. Air cooled condenser (ACC) have great 
potential to be considered as an immediate replacement as it reduces water consumption  
 
to a large degree. However, it does have several drawbacks [5]. To compensate the low 
heat transfer performance of air, to meet the same targets an ACC design needs to be 
significantly larger in size which leads to an appreciable increase in the production and 
 
Figure 1.2: Water usage in different application in U.S. in 2015 [2] 
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capital cost. For a same working fluid, the forced convective cooling can be enhanced by 
increasing the convective velocity and alternately modifying the surface structures [6-8] 
and materials [9, 10]. Several methods have been demonstrated and employed, including 
nanomaterials [11, 12], porous media [13-15], micro-channels [16-18] and spray cooling 
arrangements [19, 20] all of which had the target objective of attaining a higher heat 
transfer coefficient. However, most of these novel methods suffer from scale up for large 
application (e.g. thermal power plants) due to the associated high expenses.  
For large scale applications, it has been a challenge to identify a possible and 
effective methodology/process that minimizes the trade-off between WCC and ACC. A 
suitable alternative to WCC, which reduces water consumption significantly and can also 
overcome the limitations of ACC, is therefore a research topic that is of immense interest. 
A possible way of addressing this challenge is to introduce phase change phenomena 
inspired by the natural perspiration process (i.e. sweating) of mammals that would 
augment the force convective cooling and enhance the overall cooling performance. This 
on demand sweating boosted cooling is envisioned to drastically reduce water usage [21-
23]. Evaporation, being one of the ubiquitous processes in nature, still requires extensive 
studies to fully understand the physics and thermodynamics associated with it. The 
system gets even more complex when fluid flow and external heat transfer come into 
play. Therefore, there is a need to understand the fundamentals of this mixed mode heat 
transfer system experiencing both convective and evaporative heat and mass transfer. 
This work is dedicated to exploring the key features and obtain insights on this proposed 
dual mode heat transfer with a view to having higher heat transfer coefficient.  
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1.2. LITERATURE REVIEW 
Simultaneous heat and mass transport under convective environment has been a 
topic of interest [24-27] with a view to understand the fundamentals of the coupled 
dynamic system. The early work of  Vyazovov [28] led to the development of a 
simplified model for isothermal absorption  in a falling liquid film;  a representative of 
combined mass and heat transfer system. With a similar approach,  Olbrich and Wild [29] 
solved species diffusion equation in laminar flow condition for several falling film 
geometries.  Both these studies dealt with mass transfer only, where the effect of heat 
transfer was not taken into account, hence the coupling between the heat and mass 
transport was neglected. A theoretical analysis of  mixed mode heat and mass transfer  in 
the absorption of water vapor into a laminar liquid film was conducted by Grossmann 
[30]. Temperature and concentration variation were analyzed for an imposed parabolic 
velocity profile by solving coupled energy and species diffusion equation mathematical 
model. Numerical simulations were conducted by Yih and Seagrave [31] to study mass 
transport driven by heat transfer when exposed to a uniform velocity profile under 
laminar conditions.  
As an attempt to improve the prior models, Yan et al. [32] proposed a 
mathematical model that had a strong coupling among momentum, species and energy 
equations and the model was employed to simulate the combined heat and mass transfer 
between a vertical parallel plate under laminar flow condition. A similar study was 
conducted by Whitaker [33] for a porous media configuration. In all these studies a liquid 
film of constant and non-evolving thickness was considered. The dependence of film size 
on laminar and turbulent convection was investigated by Yan [24, 25] and it was 
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identified that film thickness does play a significant role on the net mass transfer across 
the phases. This highlights that in the context of thin film evaporation, the temporal 
evolution (i.e., recession) of film thickness may play a critical role in the physical 
process. Chow and Chung [34] investigated evaporation of water into a laminar stream of 
dry air, humid air and superheated steam from a large reservoir. Studies on mixed 
convection heat and mass transfer in a vertical channel with film evaporation have also 
been reported by Cherif et al. [35]. In both these studies a prescribed mass concentration 
of liquid vapor was provided at the interface and the evaporation flux was calculated 
afterwards.  The mass concentration was estimated from equation of state assuming ideal 
air-vapor mixture and saturation condition at the interface. A careful reexamination of 
these major studies shows that further investigation is needed to unravel the evaporation 
assisted convective heat transfer system to assess its promise in defeating the trade-off 
between air-cooled and water-cooled condenser. 
1.3. SCOPE AND ORGANIZATION OF THIS THESIS WORK 
This sweating boosted cooling configuration, inspired by the natural perspiration 
process of mammals, has the potential to drastically reduce water consumption and 
enhance the heat transfer effect simultaneously. A schematic of power generation plant 
with proposed sweating boosted air-cooled condenser is presented in Figure 1.3. In this 
arrangement, water introduced as drips in the exterior of the air-cooled condenser 
undergoes evaporation and augments the cooling process. 
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Figure 1.3: Schematic of a power generation plant with the proposed sweating-boosted 
air-cooled condenser 
 
Main objective of this study is to numerically assess the performance of the 
proposed sweating boosted cooling method in defeating the trade-off between air-cooled 
and water-cooled condenser. In order to accomplish this, improvement upon the previous 
efforts on modeling combined heat and mass transfer under convective environment has 
been attained to simulate convective heat transfer augmented by phase change process. 
The proposed model solves a strongly coupled mass, momentum, and energy 
conservation equations together with individual species transport for a multiphase 
convective environment configuration.  The depletion of the liquid phase is also resolved 
to predict the highly transient characteristics of evaporation which is a key element of on-
demand evaporation/sweating boosted convective heat transfer. Predictions from the 
model provide insight on the role of the key parameters on the overall heat transfer 
process.  
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Following the problem description, background study and objectives presented in 
Chapter 1, next three chapters are organized based on illustration of the model 
development process. Chapter 2 depicts the schematic of problem geometry along with 
the physical parameters utilized in the simulation. The mathematical model development 
with appropriate boundary conditions has been articulated in Chapter 3. Chapter 4 
presents detailed description on numerical methods employed in this study. Mesh/grid 
dependency analysis has also been presented in this chapter.  
Chapter 5 contains the results predicted by the numerical model for a broad range 
of parametric conditions along with analytical and experimental validation. The 
advantage of the proposed sweating-boosted cooling to find a trade-off between air-
cooled condenser and water-cooled condenser has been discussed by comparing the 
global feature of heat exchangers i.e., area footprint and water consumption. Finally, 
Chapter 6 serves as a closure of this thesis work summarizing the contribution of the 
author in the field of study. Chapter 6 culminates with the major findings of this study 
and recommendation for future research direction.  
. 
8 
CHAPTER 2  
COMPUTATIONAL DOMAIN AND PHYSICAL PARAMTERS
2.1. SCHEMATIC OF PROBLEM GEOMETRY 
A schematic diagram of the system that is being simulated in presented in Figure 2.1. 
The phase change augmented cooling system comprises of a thin evaporating liquid water 
film which is exposed to a laminar air flow.  
 
Figure 2.1: Schematic of the problem geometry and computational domain (not it scale) 
 
The two-dimensional domain comprises of gas domain (ADFE) and a thin 
evaporating liquid domain (BCHG). The film is prescribed in a depressed cavity which is 
consistent to the experiments conducted by Wang et al.[21, 22]. The film is exposed to a 
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laminar air flow and a constant heat flux ( )fluxq is prescribed at the bottom of the film. 
Initial film thickness (BG) and the film width (GH) is prescribed that dictates the water 
load. During the course of evaporation, the liquid domain (BCHG) diminishes as water is 
being evaporated and carried away by the incoming air. The liquid-gas interface (GH) 
thus recedes downward gradually as the water is being depleted.  
2.2. PHYSICAL PARAMETERS 
The parameters that were varied in the simulations are the free stream velocity 
and liquid film thickness. A list of the different parameters considered in the simulations 
and associated geometric dimensions are summarized in Table 2.1. 
Table 2-1: Parameters for sweating-boosted cooling simulations 
Physical Parameter  
Velocity (U) 1 – 30 m/s 
Film thickness (d) 5 – 1000 μm 
Heat flux ( )fluxq  1256 W/m2 
Ambient temperature, ( )T  300 K 
  
Geometric Entity  
AB 5.0 (cm) 
BC 5.0 (cm) 
CD 5.0 (cm) 
AE 0.5 (cm) 
BG d 
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CHAPTER 3  
MATHEMATICAL MODELING
3.1. GAS PHASE CONSERVATION EQUATION 
In the gas phase conservation of averaged mass, momentum and energy is 
considered together with a species conservation equation for the water vapor to resolve 
the transport of water vapor in the gas domain resulting from the evaporation process. 
The conservation equations have the following form: 






  (1) 




+  = − + 

  (2) 




+  = −

  (3) 




+  = − 

  (4) 
where, ,mix g  is the mixture density ,   is the shear stress tensor, u  is the velocity vector, 
p  is the pressure, ,p gC  is the specific heat capacity of the gas mixture, kY  and kD  is the 
mass fraction and mass diffusivity of water vapor in air respectfully.  
3.2. LIQUID PHASE CONSERVATION EQUATION 
In the liquid phase, only the energy conservation equation is solved assuming that 
the heat transfer across the liquid film is due to conduction only. The energy conservation 
equation in the liquid phase has the following expression: 
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  (5) 
where, l , ,  p lC  and lk  is the density, specific heat capacity and conductivity of liquid water 
respectively.  
3.3. BOUNDARY CONDITIONS 
At the interface (GH), a modified Hertz-Knudsen (HK) relation [36, 37] is 
employed to express the evaporative mass flux and resulting net mass transfer at the 
liquid-gas interface. The modified HK relation assumes the accommodation coefficient 
associated with evaporation and condensation to be similar ( e c =  ) and an identical 
liquid and vapor phase temperature at the interface ( l vT T=  ) [38-41]. The evaporative 
mass flux at the liquid-vapor interface resulting from the modified HK relationship has 
the following expression [36, 37]:  









 = −    (6) 
where, evapj  is the evaporative mass flux, M  is the molecular weight, R  is the universal 
gas constant, sP  is the saturation pressure, vP  is the partial vapor pressure. lT  is liquid 
temperature at the interface and   is the accommodation coefficient.  
The partial vapor pressure vP  is determined from the mass fraction of the water 
vapor present in the air-water vapor mixture in the gas domain which is found from the 
solution of the gas phase species conservation equation. Antoine equation [42] is used to 






= −   (7) 
where, A=20.386 and B = 5132 for water for a temperature range of 1 – 99oC.  
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At the liquid-gas interface (GH) which experiences the evaporative mass transfer a 







=   where, n  is the unit outward vector normal to the interface and v  is the 
density of the water vapor. 
For the species conservation equation, a flux balance for the water vapor is 
prescribed at the interface:  
 . evap mix k k mix kn j D Y uY =  −   (8) 
The net evaporation rate is obtained from the evaporation flux and the interface surface 
area: 
  evap evap sm j A=   (9) 
where, As is the free surface area of the liquid film exposed to the ambient.  
An energy balance condition is provided at the interface where the energy flux in 
the liquid phase is balanced by the energy flux in the gas phase and the heat loss 
associated with the latent heat of evaporation: 
   l g evapq q q− =   (10) 
where, ql is the heat flux in the liquid phase having contribution from conduction alone, 
qg is the heat flux in the gas phase having contribution from both conductive and 
convective fluxes and evapq is the evaporative heat loss determined from the evaporative 
flux and latent heat of vaporization ( evap fgevapmq h= )  
 Since the liquid film recedes with time as result of the evaporative process, 
changing the spatial position of liquid-vapor interface, a moving mesh technique is 
implemented to track the change in the spatial location of the liquid-vapor interface. An 
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Arbitrary Lagrangian-Eulerian (ALE) [43] technique with a Laplace smoothing approach 







   
+ =
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   
+ =
  
  (12) 
where, X  and Y  are the material frame coordinates and  x and y  are the mesh 
coordinates. Since the dissipation is occurring only in the y  direction, the mesh 
displacement along the x  direction is considered to be negligible. Mesh displacement 
along the y  direction at time t is calculated by, Δ meshy v t=  , where, meshv  is the moving 
mesh velocity that is obtained from the evaporative mass flux expression, /  mesh e lvapv j =  
Details on the additional boundary conditions employed are summarized in Table 3.1. 
The notations in the table correspond to the schematic diagram presented in Figure 2.1.  
 
Table 3-1: Boundary conditions in the gas and liquid phase 
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CHAPTER 4  
NUMERICAL METHODS
4.1. NUMERICAL SCHEMES 
The system of equations is discretized on the basis of finite element method and is 
solved using a time-dependent solver in COMSOL Multiphysics® software [44]. The 
computational domain is meshed using a non-uniform distribution of structured 
quadrilateral elements, having higher mesh density at and along the non-slip boundary 
surface to accurately resolve the velocity and thermal boundary layer. A total number of 
15,500 quadrilateral elements are used with a maximum and minimum grid size of 180 
μm and 1 μm respectively. The time integration was performed using a fully implicit 
backward difference (BDF) scheme with variable time stepping having a minimum and 
maximum time step of 1.0 x 10-6 and 0.2 seconds. The numerical solution of the coupled 
sets of equation was obtained using the Multifrontal Massively Parallel Sparse 
(MUMPS) direct solver  [45]. 
4.2. GRID INDEPENDENCE 
The mesh sizes used for the analyses are chosen as such to ensure grid 
independent solutions. Figure 4. presents the quasi-steady temperature of the bottom wall 
of the depressed cavity (BC) and overall heat transfer coefficient as a function of total 
grid numbers. The overall heat transfer coefficient is obtained from the energy balance of 
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the coupled convective-evaporative process; ( )flux SBC intq h T T= − where, fluxq  is the input 
heat flux, SBCh  is the overall heat transfer coefficient of convective-evaporative cooling  
 
 
Figure 4.1: Grid size dependence study on (a) steady state average interface temperature and 
(b) over all heat transfer coefficient (qflux = 1256 W/m
2




intT  is the spatially averaged interface temperature during convection-evaporation 
period and simply wall temperature during the convective period when the liquid film is 
completely depleted, and the depressed cavity is empty. It is evident that for a total grid 
number that is greater than 15,000 a grid independent solution is achieved.  
Simulations were conducted for multiple cycles of convective-evaporative 
transport where a prescribed liquid film is completely consumed and is reintroduced 
again. A single convective-evaporative cycle is complete when a prescribed liquid film is 
completely evaporated and the system further undergoes convective cooling only for a 
prescribed time. The multi-cycle simulations were conducted by providing the final 
spatiotemporal solution of a convective-evaporative cycle as the initial condition. In a 
new cycle the water film is reintroduced and the evaporation process starts taking place 
consequently. 
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CHAPTER 5  
RESULTS AND DISCUSSION
5.1. ANALYTICAL VALIDATION 
The simulation results are first compared against analytical solution for validation 
purpose. The geometric configuration of this study is analogous to forced convection 
over a flat plate having an unheated starting length showed in Figure 5.1 
 
 
Figure 5.1: Schematic diagram of forced convection over flat plate having unheated 
starting length [46] 
 
The average Nusselt number ( LNu ) for a flat plate with constant heat flux can be 
expressed by the analytical expression,  1/2 1/30.68 L LNu Re Pr=  [46], which takes the 



















  = −   −  
  
. In this expression   is the unheated starting length 
and Z is a constant coefficient that denote laminar or turbulent flow conditions. For a 
laminar flow, Z = 2.  
 
 
Figure 5.2: Comparison between numerically and analytically obtained heat transfer 
coefficient for a flat plate with unheated starting length (qflux = 1256 W/m
2
, d = 50 m) 
 
Figure 5.2 compares the numerically predicted heat transfer coefficient against the 
one obtained from the aforementioned analytical expression. This comparison is drawn 
for a purely convective mode of operation only.  It is observed that at lower Reynolds 
number the numerical predictions and the analytical values are almost identical. 
However, at higher Reynolds numbers, a slight deviation between them is observed. At  
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Figure 5.3: Streamline patterns near the leading edge of the recessed cavity (BCHG in 
Figure 2) for different Reynolds number (a) Re = 8370, (b) 26007, (c) Re = 43944, (d) Re 
= 61921, and (e) Re = 70948 (qflux = 1256 W/m
2, d = 50 m).  The location of the 
recirculation zone in respect to the depressed cavity is shown with the dashed box. 
 
higher Reynolds number the maximum variation between the numerical and analytical 
values was found to be ~10 W/m2 K.  A possible reason for this variation could be due to 
the fact that, the analytical relation holds true strictly for a flow over a flat plate whereas 
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the geometric configuration for the current study has a rectangular region that is slightly 
recessed (at x = B in Figure 2.1). As the Reynolds number increases, localized 
recirculation zones are formed near the leading and trailing edge of the depressed cavity. 
At higher Reynolds numbers, the extent of the recirculation zone increases (Figure 5.3) 
which impacts the overall heat transfer process.  
5.2. TEMPORAL ANALYSIS OF SWEATING-BOOSTED COOLING SYSTEM 
The proposed sweating boosted cooling combines the dual effect of convection 
and evaporation; it is a convective cooling process accompanied by phase change heat 
and mass transfer. The process is highly transient and alternates between a dual 
convective-evaporative mode to a pure convective mode. Figure 5.4 presents a temporal 
evolution of the average evaporation flux and the liquid-gas interface temperature for the 
base case (U∞ = 9 m/s/Re = 26007, qflux= 1256 W/m
2
, d = 50 m,  = 0.0001) for multiple 
cycles. The average evaporation flux and interface temperature is obtained by performing 
a spatial average along the entire liquid-gas interface. The transient characteristics of the 
system is evident as both the evaporation flux and the corresponding interface 
temperature represent a temporally evolving cyclic profile. Figure 5.4 further shows that 
each cycle consists of two modes of operations - sweating-boosted cooling (SBC) 
resulting from the evaporative process and pure forced convective cooling (FCC). At the 
very initial stage the system is subjected to a very high evaporation flux (~ 1.2 g/m2s). 
This is due to the fact that during the initial stage, the local temperature is significantly 
elevated as a result of the assigned heat flux and at the same time a larger difference 
between the saturation pressure and the partial pressure of the liquid vapor exists. Due to 




Figure 5.4: Temporal evolution of the spatially averaged (a) evaporation flux and (b) interface 
temperature for the base case (U = 9 m/s/Re = 26007, qflux = 1256 W/m
2, d = 50 m,  = 
0.0001). Temporal locations of sweating-boosted cooling (SBC) and forced convection 
cooling (FCC) are also demarcated 
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to decrease sharply as a consequence of the latent heat of vaporization and reaches a 
quasi-steady temperature of ~304 K. Consequently, the evaporation rate decreases and 
attains a quasi-steady rate of ~ 0.45 g/m2s due to the strong dependency of the 
evaporation flux on the local temperature. It can be seen that the quasi-steady evaporation 
rate and interface temperature overlap with each other denoting that the quasi-steady 
cooling is achieved predominantly due to the phase change process. With the onset of 
‘convection-only’ mode, the interface temperature (i.e. the bottom wall temperature of 
the recessed cavity) starts to increase sharply as the entire water film is depleted and a 
subsequent termination of the evaporative cooling process. The additional simulations 
corresponding to different sets of parameters showed similar repetitive cycles.  
The spatial distribution of the water vapor mass fraction and the temperature field 
at different time instances for the base case is presented in Figure 5.5 and 5.6 
respectively. These water vapor mass fraction and temperature profiles correspond to the 
second cycle (see Figure 5.4) that temporally spans from t = 175 – 350 seconds. The 
evaporation process occurs till t = 282 seconds which denotes the end point of the 
coupled convective – evaporative heat transfer process. As shown in Figure 5.5a, during 
the initiation of the convective-evaporative cycle, water vapor is generated due to 
evaporation at the interface and then readily gets entrained to the incoming air flow 
(Figure 5.5b). The maximum evaporation takes place during the early stage of the cycle 
and then decreases to a quasi-steady rate. In this quasi-steady state, the water vapor mass 
fraction distribution remains fairly constant in the domain. In the temperature field 
distribution, one can see that the high temperature near the interface (Figure 5..6a) at the 













Figure 5.5: Spatial distribution of water vapor mass fraction at different time instances for the base case (U∞ = 9 m/s/Re = 26007, qflux 













Figure 5.6: Spatial distribution of the temperature field at different time instances for the base case (U∞ = 9 m/s/Re = 26007, qflux = 




Figure 5.7: Temporal evolution of the liquid film for the base case (U∞ = 9 m/s/Re = 
26007, qflux = 1256 W/m
2
, d = 50 m,  = 0.0001) 
 
(Figure 5.6f) when the liquid film is completely consumed the temperature distribution 
reverts back to its high values. It can be generalized that in a single cycle, the large 
changes in the water vapor mass fraction and temperature distribution takes place during 
the beginning and end of the evaporation period. The temporal evolution of the liquid 
film for the same cycle is presented in Figure 5.7, which confirmed that the ALE 
algorithm was successful in resolving the transient depletion of the liquid film. Only a 




5.3. EFFECT OF REYNOLDS NUMBER AND EVAPORATION FREQUENCY 
To investigate the performance of sweating-boosted cooling, an evaporation 









. In this expression, SBCt  and FCCt  
denote the time associated with sweating-boosted cooling and pure convective cooling 
respectively. A value of 1evapf =  refers to uninterrupted continuous evaporation whereas 
0evapf =  refers to pure convective mode of operation. The time associated with forced 
convective cooling FCCt , can be considered to be a control parameter of the system – 
dictating the time delay between the evaporative and pure convective processes.  By 
controlling the FCCt , one can attain different evaporation frequency ( evapf ) and 
alter/achieve heat transfer performance accordingly.  
 
Figure 5.8: Effect of Reynolds number on the overall heat transfer coefficient (qflux = 
1256 W/m2, d = 50 m,  = 0.0001) 
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The effect of Reynolds number on the thermal performance of sweating-boosted 
cooling for different evaporation frequency ( evapf ) is summarized in Figure 5.8. The 
overall heat transfer coefficient represents values that has spatially and temporally 
averaged over multiple cycles.  It is apparent that the combined evaporative and forced 
convective cooling increases substantially with an increase in the Reynolds number. And, 
within the entire range of Reynolds number studied, sweating-boosted cooling exhibits 
significantly higher heat transfer effect than that of pure convection (Figure 5.8, 0evapf =
). 
To compare the cooling effect resulting from phase change and convection, the overall 
heat transfer coefficient of the coupled convective-evaporative process is normalized to 





= . This normalized overall heat transfer 
coefficient, R  represents the heat transfer enhancement. resulting from the sweating boosted 
cooling compared to the forced convective cooling. Figure 5.9 depicts the variation of the 
normalized heat transfer coefficient as a function of Reynolds number. For all the 
Reynolds number studied with base case condition, this normalized heat transfer 
coefficient has been found to be greater than unity, ranging from 4 – 11. However, it 
shows a decreasing trend with the increase of Reynolds number. The sweating boosted 
cooling is a coupled process where both evaporative and convective cooling 
simultaneously contribute. In general, the evaporative mass flux increases with local 
saturation pressure as well as temperature. As a consequence, the evaporative mass flux 
and the resulting cooling effect is intensified with the increase in local temperature and 
vice versa. At higher Reynolds, as the convective effect becomes dominant, the gas-
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liquid interface temperature reduces which triggers a decrease in the evaporation rate 
(Figure 5.9). As a result, the evaporative cooling in comparison to the convective cooling 
effect gradually decreases and eventually plateaus out once a critical Reynolds number is 
reached (Figure 5.9). In the range of Reynolds number studied for the base case heat flux, 
film thickness and accommodation coefficient values, the average evaporation flux varies 
from 0.44 – 0.51 g/m2s which is consistent to both theoretical [47] and experimental 
measured values [48, 49]. It is noteworthy that, even at the critical Reynolds number 
(88928 for the base case), the overall heat transfer coefficient of sweating boosted 
cooling is ~4.5 times of that of pure forced convective cooling (Figure 5.9).  
 
Figure 5.9: Effect of Reynolds number on normalized heat transfer coefficient, 
/SBC FCCR h h=  and average evaporation flux (qflux = 1256 W/m
2




5.4. EFFECT OF FILM THICKNESS 
The impact of the liquid film thickness on the performance of sweating-boosted 
cooling has also been analyzed in this study. Figure 5.10 shows the variation in the 
overall heat transfer coefficient as a function of film thickness for different Reynolds 
number condition. It is found that, the overall heat transfer coefficient increases non-
linearly with the decrease of film thickness up to a certain limit (~50-200 m) depending 
upon Reynolds number. Once this limit is reached, no significant improvement in the 
overall heat transfer coefficient is noticed with any further decrease of the film thickness.  
 
Figure 5.10: Effect of liquid film thickness on the overall heat transfer coefficient for 
different Reynolds number (qflux = 1256 W/m
2
,  = 0.0001) 
 
Since the prescribed heat flux is provided at the bottom of the liquid phase, thermal 




Figure 5.11: Effect of liquid film thickness on the overall heat transfer coefficient for 
different Reynolds number (qflux = 1256 W/m
2
,  = 0.0001) 
 
results in higher thermal inertia which leads to a suppressed thermal performance. To 
investigate the role of film thickness in augmenting thermal inertia, spatiotemporally 
averaged interface temperature has been presented for different film thicknesses in Figure 
5.11. It is evident that beyond the critical film thickness value, the thermal inertia of the 
system becomes dominant and the interface temperature shows an increasing trend with 
film thickness; an evident attenuation of the cooling process. The inset graph of Figure 
5.11 shows the temporal evolution of the spatially averaged interface temperature for 
three different film thickness for a Reynolds number of 26007. For a film thickness of 10 
m, the convective-evaporative process decreases the temperature almost instantly and 
the film is completely evaporated within ~20s. Whereas, during this time period, the 500 
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m liquid film is yet to respond to the system dynamics to reach a quasi-steady interface 
temperature at which evaporation takes place. This delayed temporal response of the 
thicker films results in a decrease in the overall heat transfer coefficient. 
5.5. IMPACT OF ACCOMMOCATION COEFFICIENT IN HERTZ-KNUDSEN 
EXPRESSION ON OVERALL HEAT TRANSFER PERFORMANCE AND 
EXPERIMENTAL VALIDATION 
Even though the Hertz-Knudsen relation has been extensively employed in 
modeling evaporation process, it has often been found that evaporation flux predicted by 
the Hertz-Knudsen relationship varies significantly with the experimental results. One of 
the major uncertainties in the Hertz-Knudsen relationship is rooted to the evaporation and 
condensation coefficients [37, 38, 40]. In many prior studies [39, 40, 48, 50] both the 
coefficients are assumed to be equal and thereby lumped into a single accommodation 
coefficient (). Numerous experiments [48, 51-54] have shown a large spread/scatter in 
the accommodation coefficient value – varying by four orders of magnitude at times. 
Davis et al. [53] used the Hertz-Knudsen relationship to determine the values of  by 
investigating evaporation process of water and isopropanol. Surprisingly, they found  to 
be greater than unity. Marek and Straub [38] raised concerns on the common assumption 
that the HK coefficients are constant properties of a substance.  On the contrary, their 
study concluded that the values of the coefficients vary with different parameters, among 
them impurities and surface condition (temperature and pressure) are the most dominant 
factors. Their evaluation observed a decrease in both coefficients as the temperature 
increases. Very recently, Persad and Ward [37] provided a thorough review on this topic 




Figure 5.12: Impact of accommodation coefficient values on the predicted overall heat 
transfer coefficient for different Reynold’s number conditions (qflux = 1256 W/m
2
, d = 50 
m). The numerical predictions are also compared against the experimental 
measurements of Wang et al. [21] 
 
reason for the large scatter in the accommodation coefficient values. They identified 
interfacial curvature, molecular structure of the fluid, capillary waves, temperature, 
Reynolds number to be the source of the variation in the accommodation coefficient 
values. Here we conducted a sensitivity analysis of the predictions on the chosen 
accommodation coefficient values. An estimation of the accommodation coefficient on 
the basis of kinetic theory is beyond the scope of this current work. Figure 5.12 
summarizes the influence of the accommodation coefficient values on the predicted 
overall heat transfer coefficient The predictions are further compared against the 
experimental measurements of Wang et al. [21, 22] It is apparent that an increase in the 
accommodation coefficient increases the overall heat transfer coefficient. The model is 
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able to predict the general trend in the heat transfer coefficient variation as a function of 
the Reynold’s number. The spread in the numerical predictions resulting from the 
accommodation coefficient values overlaps with the experimental measurements. 
5.6. ANLYSIS ON WATER CONSUMPTION AND FOOTPRINT REDUCTION 
The sweating-boosted cooling (SBC) method has been proposed with a view to 
finding a trade-off between air-cooled and water-cooled condenser. In order to asses this, 
we have compared the global features i.e., equivalent heat exchanger area and water 
consumption of SBC with pure water-cooled system (h = 2000 W/m2K [46]) and air-
cooled system (h = 90 W/m2K [46]). Figure 5.13 shows the comparison between the 
equivalent heat exchanger area requirement and water consumption of conventional 
cooling methods and the proposed hybrid mode heat transfer for a fixed temperature 
gradient. The water consumption of sweating-boosted cooling is reduced to 21% 
compared to a fully water-cooled system which is eventually achieved by compromising 
the heat transfer coefficient. However, to find a trade-off between area footprint in air-
cooling system and water consumption in water-cooling system, proposed hybrid cooling 
method shows significant improvement. Area requirement for water-cooled system has 
been found to be minimum (~36 m2/MW) due to the very high heat transfer coefficient 
associated with it and vice versa for the air-cooled system (~815 m2/MW). With the 
hybrid cooling method, the area requirement reduces drastically while still maintaining a 
higher heat transfer coefficient compared to that of the dry cooling. Sweating boosted 
cooling with water replenishing frequency of 8.92 mHz provides a ~78% size reduction 
compared to pure air-cooling method while delivering an improvement of heat transfer 




Figure 5.13: Heat exchanger area as a function of water consumption 
 
5.7. EFFECT OF SURFACE STRUCTURE MODIFICATION ON HYBRID 
COOLING SYSTEM 
As an extension of the flat liquid film evaporation under convective loading, 
simulations have been conducted for modified surface textures. From the previous 
analysis, it is evident that the conduction resistance across the liquid film plays a vital 
role in determining overall cooling performance. Hereby, we have introduced circular 
grooves on the bottom surface of the liquid film with a view to suppressing the thermal 
resistance across the liquid film. Parametric studies were conducted by varying the 
diameter of the circular grooves. Schematic representation of the three different 
configurations of the modified structures is presented in Figure 5.14. The details of the 
configurations for the modified surface structures are listed in Table 5.1. 
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Table 5-1: Specifications of the modified structure arrangement 
Configuration Radius of circular groove 
(m) 
Number of grooves 
A 225 24 
B  450 24 
C 1000 12 
 
 
Figure 5.14: Schematic diagram of the modified bottom surface of the recessed region 
 
To analyze the effect of surface modification, the thermal resistance of a modified 
structure is calculated, then normalized with the flat film configuration. The normalized 
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  (13) 
where, bT is the steady state bottom surface temperature, T is the inlet temperature and 
inQ  is the heat input at bottom surface. The normalized thermal resistances for the 
different configuration studies are shown in Figure 5.15. For all cases, the normalized 
thermal coefficient has been found to be less than unity, providing evidence of enhanced 
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cooling compared to the simple flat film configuration. configuration A predicts a very 
small reduction 
 
Figure 5.15: Thermal resistance of modified structures normalized by similar flat film 
configuration 
 
in thermal resistance (~2%), whereas, configuration C has been found to reduce the 
thermal resistance by almost 50% at a Reynolds number of ~80000. The advantage of 
modified surface structure over a flat film configuration has been schematically presented 
in Figure 5.16. With the flat film configuration, the thermal resistance is higher because 
heat is traveling in a unidirectional way. On the contrary, with the introduction of circular 
grooves energy is supplied to the evaporating liquid from multiple directions, resulting in 
a reduction of conductive loss across the liquid film. In the case of configuration C, the 
grooves are further elevated across the air domain to promote mixing, ultimately leading 




Figure 5.16: Schematic representation of direction of conduction heat transfer through 
liquid film for flat and modified bottom surface structure 
 
 
Figure 5.17: Distribution of (a) temperature, (b) vapor mass fraction and (c) streamline 
pattern for design C. The distribution is magnified over fewer elevated structure on right 
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Since Configuration C provides the highest reduction in thermal resistance and 
greatest enhancement in evaporation flux in this study, spatial distribution of temperature 
and vapor mass fraction for configuration C has been investigated here. Figure 5.17 
depicts the contour plots of temperature and vapor mass fraction distribution along with 
streamline pattern for configuration C. It is evident from the streamline patterns that 
configuration C promotes mixing owing to having elevated structure inserted into the gas 
domain. A region of hotter temperature zone (~306 K) is observed at the descending side 
of the elevated structure (Figure 5.17a) due to the existence of recirculation around that 
area (Figure 5.17c). However, followed by the hotter zone, a colder temperature region 
(~301 K) is observed along the interface where the evaporation is taking place and 
cooling effect is maximum due to high phase change energy consumption. Even though, 
uniform evaporation mass flux has been prescribed at the interface, highest vapor mass 
fraction is observed at the trailing end of the elevated structure. Vapor is forming at the 
interface and accumulates at the trailing zone of the interface due to the recirculation and 




CHAPTER 6  
CONCLUSION
6.1. MAJOR CONTRIBUTIONS 
A fully coupled model of sweating boosted cooling method has been presented 
where both convection and evaporation contribute to the overall heat transfer process. 
Mass, momentum, energy and species transport were solved along with a moving mesh 
technique to capture the recession of liquid film that is being evaporated. The Hertz-
Knudsen relation has been applied to predict the evaporation flux at liquid-gas interface. 
Simulations have been conducted within a wide range of Reynolds number for different 
liquid film thicknesses. Significant improvement in the overall heat transfer coefficient is 
observed in the hybrid cooling mode of operation. For all the cases studied, the 
normalized heat transfer coefficient (ratio of overall heat transfer coefficient of sweating 
boosted cooling to that of pure convective cooling) has been found to be greater than 
unity but decreases as the flow Reynolds number is increased. A critical Reynolds 
number has been identified beyond which the performance of sweating-boosted cooling 
reaches a plateau and no further enhancement of the heat transfer coefficient resulting 
from the phase change process is observed. Even at the critical Reynolds number, in 
comparison to the pure convection condition, the sweating-boosted cooling increases the 
overall heat transfer coefficient by a factor of 4 – 5.  
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Film thickness has been found to be one of the key parameters in determining the 
overall thermal performance. At larger film thickness the predictions show that the 
thermal inertia becomes dominant and can suppress the overall thermal performance. The 
numerical results are in good agreement in capturing the general trend of experimental 
observations. The maximum heat transfer coefficient achieved by this proposed model 
was 422 W/m2K with a ~78% reduction of area footprint compared to a complete dry 
cooling method. 
Simulations have been conducted with modified surface structure with a view to 
minimizing the conductive loss across the liquid film. Circular grooves have been 
introduced on the bottom surface so that energy can be provided to the evaporating liquid 
from multidirectional way. Preliminary studies predict that modified structures exhibit 
significant reduction in overall thermal resistance. With the arrays of circular grooves of 
1000 micron, thermal resistance has been found to be reduced by 50% compared to 
similar flat film configuration.  
6.2. FUTURE RECOMMENDATION 
The following recommendations are made for future studies: 
• Momentum conservation in liquid phase. In this study, only conduction heat 
transfer has been considered through the liquid film. Therefore, the momentum 
transform across the liquid film has not been resolved. Due to the high convective 
flow of air, there should be some rippling effect on water surface which will 
eventually affect the overall heat transfer process. However, solving momentum 
transport in liquid phase along with current arrangement may be computationally 
expensive. Thus, if the rippling effect is dominating enough to make significant 
 
44 
changes in the overall heat transfer coefficient, it may be necessary to solve the 
momentum transport in liquid phase. Author recommends addressing this concern 
as an extension of current numerical model. 
• Heat transfer through porous media. One of the major bottlenecks in the 
evaporation assisted convective cooling described here is the low thermal 
conductivity of the liquid. Evaporation occurs on the surface and the system 
response time is dictated by the thermal resistance across the liquid film. The 
cooling performance can be further boosted up if the conductive loss across the 
liquid film can be minimized. This challenge can be mitigated by introducing a 
porous media with a high conductivity. Furthermore, porous media also acts as a 
liquid storage in microscopic level. Hence, current models can be further 
extended for heat transfer through porous media which can act as a storage for the 
evaporative liquid.  
• Incorporation of ‘temperature jump’ at the interface. Most of the works in this 
field of study are based on the simplified version of HK relation that ignores the 
temperature discontinuity along the liquid-gas interface. This is because it 
requires a heavily scrutinized numerical model that is beyond the continuum 
regime of fluid flow. Author recommends to address this concern as an advanced 
extension of this work. 
• Robust analysis on surface structure modification. This thesis work describes the 
preliminary findings of surface modification on the heat transfer enhancement in 
hybrid cooling system. Numerical analyses qualitatively predict significant 
reduction in thermal resistance and enhanced cooling with modified structures. 
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However, comprehensive studies are required to find further details for the 
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